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Abstract
Disc brakes wear during braking events and release airborne particulates. These particle emissions are currently one of
the highest contributors to non-exhaust particle emissions and introduce health hazards as well as environmental con-
tamination. To reduce this problem, wear and corrosion-resistant disc coatings have been implemented on grey cast
iron brake disc rotors by using various deposition techniques such as thermal spraying and overlay welding. High thermal
gradients during braking introduce risks of flaking off and cracking of thermally sprayed coatings with adhesive bonding to
the substrate. Overlay welding by laser cladding offers metallurgical bonding of the coating to the substrate and other
benefits that motivate laser cladding as a candidate for the coating of the grey cast iron brake discs. This study aims
to investigate the effect of laser cladding on the thermal and thermo-structural performance of the coated grey cast
iron brake discs. Therefore, thermal and thermo-stress analysis with COMSOL Multiphysics 5.6 software is performed
on braking events of grey cast iron brake discs as non-coated – reference and laser cladding coated with stainless steel
welding consumables. The Results demonstrated that surface temperatures were more localised, overall higher in the
laser cladded coating with over three times the stresses attained of reference grey cast iron discs. The output of the sim-
ulations has been compared by tests found in the literature. Laser cladding presented higher reliability and braking per-
formance, nonetheless requiring the evaluation of its thermal impact on other system components.
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Introduction
Braking systems aim to controllably reduce the velocity of
a body in motion, or completely stop it. In the case of
vehicles, braking is constituted by a torque applied in
the opposite direction to a wheel’s motion. This is done
so through frictional contact in the tribological pad–disc
interface, where a brake pad made of friction material
applies pressure on the brake rotor surface. The kinetic
energy is then transformed into thermal energy due to fric-
tion which, therefore, decelerates the vehicle. The
dilemma which accompanies a braking action is,
however, the consequence of particle emission. In the
debris of worn material surfaces, particulate matter (PM)
in the micrometre scale becomes airborne,1 introducing
a severe contamination hazard in urban environments
known as non-exhaust emission (NEE).2 These PMs ori-
ginate in tyre wear, road surface wear, road dust resuspen-
sion and finally, brake pad and brake disc wear.1
Air pollution has received an extensive focus through-
out the last few decades from the European Union and the
World Health Organisation (WHO). Much of the work
has, however, been inclined towards ‘exhaust’ emissions
instead, with hardly any legislation implemented for
NEE.2 This has left NEE with very little development,
letting it contribute enough to reach almost half of road
vehicle full-scale emissions.1 As more sustainable vehi-
cles are released on the market such as hybrid or electric
cars, the dominating impact gradually begins to shift to
NEE. In order to mitigate the issue of airborne PM,
many techniques have been implemented. These include
hardening, high-velocity oxygen fuel3 or high-velocity
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air fuel for thermal sprays, powder welding, atmospheric
plasma or flame spraying.4 All of these offer a range of
material deposition on substrates along with different
forms of bonding techniques. Nevertheless, challenges,
such as crack formations and flaking of coated layers,
have demonstrated to occur during braking events.3
Among other coating technologies, laser cladding (LC;
also known as laser metal deposition) by using metal
powder welding consumables offers metallurgical
bonding of the coating to the substrate, high purity of
coating, very low porosity level5 and quite small
thermal deformations of the substrate. It has been
proven through pin-on-disc wear testing comparisons
with a grey cast iron (GCI) disc that an LC Ni/carbide
coating mass wear is halved, specific wear loss is quar-
tered while there was no ‘substantial increase’ in wear
from the pin neither.6 Further, 30% of particle emission
concentration is reduced, with an approximate half in
‘size partition of particles below 7 μm’.6 These beneficial
results demonstrate that a significant reduction in wear
emission can be achieved.
Thermal stress performance highly governs the com-
patibility and adhesion strength of coatings. Crack forma-
tions and flaking are consequences of thermal stresses,
which surpass the coating adhesion bonding strength to
the substrate.5 A degree of expansion results from the
increase in temperature of a rotor subject to braking con-
ditions. When a rotor is non-homogeneous (as in the case
of coatings), thermal expansion differences mean high
thermal stresses are developed at the materials interface.7
Consequently, the coating adhesion with the substrate is at
risk of failure.
Various simulation techniques have been implemented in
previous studies to predict thermal and stress performances
of disc brakes. The variation in these methods is mainly gov-
erned by the scale of the analysis. This is relevant for
example, on the mesoscopic scale, where a cellular automa-
tion approach developed by Müller and Ostermeyer8 was
used to predict plateau dynamics. The literature demon-
strates that the effect of mesoscopic contact on macroscopic
scales can be simulated numerically with time and length
orders of magnitude specified by Wahlström.9 As this
study conducts a physics coupling finite-element analysis
(FEA), it is also interesting to refer to Pan and Cai,10 who
demonstrate that heat flux due to friction can be translated
into an area subject to a direct heat rate. The literature gap
however lays in the fact that no research has been done to
simulate the above-mentioned mechanical performance rele-
vant to coated disc models.
The aim of the present work is to investigate the effect
of LC coating of GCI brake disc rotors on the discs’
thermal and thermo-structural performance. This is done
by simulation of the braking event for reference GCI –
and LC-coated rotors by using COMSOL Multiphysics
5.6 simulation software. Regarding thermal stresses, this
is highly relevant for the evaluation of predicted LC com-
patibilities under braking conditions. Stress magnitudes
can be anticipated before the deposition process takes
place, in order to establish a degree of bonding tolerance.
Method
In the present work, an FEA study was conducted to simu-
late a dyno bench test environment. This allowed for the
validation process of the model, which represented a con-
ventional uncoated (or homogeneous) GCI brake disc,
simulated under the same conditions as the dyno per-
formed by Wahlström.9 A laser cladded coating was
added to the same model subject to simulation, in order
to identify clear comparisons. A physics coupling inter-
face software was used in order to combine both heat
transfers in solids with solid mechanics hence, able to
obtain thermal stress data. These are obtained by firstly
importing a computed temperature field model.10 This is
obtained through an FEA study performed by the imple-
mentation of a heat source, representing a frictional heat
flux. The thermal implementation is specified as a
region where the inward heat flux is directly acting, as
opposed to specifying the sweeping commands of a fric-
tional heat source.11 Thermal data is then, automatically
fed back into the study through a coupled software inter-
face to compute thermal stress values.
The applied pressure on the rotor in the dyno test is a
known parameter, which by multiplying by the pad
contact area, determines the normal force applied. The
need for calculating the inertial load received by the
front vehicle axle dependent on its deceleration is there-
fore eliminated.9 This facilitates the computation greatly
given that only one simple expression must be specified.
If we begin by stating the braking power as stated in equa-
tion (1)10 that the disc receives Pb,disc (W), we obtain:
Pb,disc = vslipFfξ (1)
where vslip (m / s) is the slip velocity of the rotor, which
relates to the same angular velocity, ω (rad / s) as the
vehicle wheel times a given radius on the disc, r (m),
Ff (N) is the frictional (or tangential) force and ξ is the
heat partition coefficient, which estimates the proportion
of heat generated in the disc as opposed to the pad,
Qdisc = ξQtotal (typically in the range of 98%–99%).
This coefficient is suggested by Vernotte,12 which consid-












where Sd (m2) is the contact surface area of the disc,
Sp(m2) is the contact surface area of the pad, αd is the
thermal expansion coefficient of the disc, αp is the
thermal expansion coefficient of the pad, Cp,d (J /
(K · kg)) is the specific heat capacity of the disc, Cp,p(J /
(K · kg)) is the specific heat capacity of the pad,
kd (W / (m · K)) is the thermal conductivity of the disc
and kp(W / (m · K)) is the thermal conductivity of the
pad. The slip velocity can be represented as the ratio
between the wheel radius, R (m), and a given radius on
the disc, r (m), of the vehicle velocity, v (m / s):
v = Rω , ω = v
R
(3)
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vslip = rω = r v
R
, vslip = r
R
v (4)
The dependency with time, t (s), of the slip velocity is
related by ω(t) = ω0 + αt, where ω0 (rad / s) is the
initial angular velocity and α (rad/s2) is the angular accel-
eration. In order to take into account a geometrical















where rx,y (m) is the radius from the centre of the disc to
any two-dimensional (2D) point with coordinates (x, y) on
its surface; vx (m / s) is the slip velocity in the x-direction
and vy (m / s) is the slip velocity in the y-direction. By
substituting the definition of the frictional force
Ff = μFN, we obtain the final implemented expression
for the frictional heat rate Qb,disc (W/m2), where μ is the
coefficient of friction and FN (N) is the normal force






Qb,disc = Pb,discA (7)
This derived expression is verified thanks to Pan and
Cai,10 who also proposed this expression to be implemen-
ted with the assumption that ‘friction heat is directly
exerted to the surface of the brake disc’.10 Once this is
used as a command during the software configuration,
the system represents a temperature field applied in the
form of a regional heat source instead of directly being
generated due to friction. Consequently, the derivation
has greatly simplified the input expressions and facilitates
the conciseness of the expected results. Its simplicity
however does not jeopardise the accuracy of local heat
fluxes within the model geometry. This is due to the
allowance of 2D point coordinates and time evolution
for slip velocity specifications directly affecting the heat
rate.
Simulation specimens and materials
The proposed coating application consists of a nickel-
based alloy buffer layer, with a martensitic stainless
steel overlayer. These are deposited on a GCI substrate
as the core material of the brake disc. Regarding material
data, an approximation is made with a nickel-based alloy
type Inconel 718,13 and martensitic stainless steel type
AISI 420.14
Martensitic stainless steels in general offer relatively
high hardness, moderate to high wear resistance and mod-
erate to good corrosion resistance.14 The function of the
interface layer is twofold to act as a corrosion barrier by
sealing the GCI rotor from potentially infiltrated moisture
and other corrosive agents, and to prevent dilution of
graphite from the substrate material with the martensitic
stainless steel surface coat. This dilution would occur
during LC of the martensitic steel overlay over bare
GCI surface and substantially lower the quality of the
cladding. However, by having a nickel-based alloy
buffer layer with virtually no chemical affinity to carbon
as opposed to martensitic stainless steel, the dilution is
suppressed. Lower heat infiltration into the disc core is
also achieved given that this interface layer acts as a
thermal barrier that traps most of the heat at the surface
of the coating. Following in Table 1 are the listed para-
meters representing relevant material properties imple-
mented in the study.
Implementation
The chosen FEA software is COMSOL Multiphysics 5.6.
Other than its simplicity of use and the straightforward-
ness of configuration commands, the software provides
the possibility of coupling different physics that are
needed to be analysed, through a Multiphysics
command. The benefit of this option associated with
this study is the analysis of both heat generation in a
disc brake rotor and its associated thermal stresses.
Downsides include computational cost, which is why it
is crucial to retail a simplified model15 for mesh indepen-
dence. Figure 1 displays the simulation routine implemen-
ted in the study.
Each routine was repeated for each model: GCI and
LC. These consist of an identical geometry distinguished
purely by the two 150 μm layers added on the LC model
surface. Both layers represent the coating that an LC
process would deposit on a substrate surface. Moreover,
an LC surface texture has shown similar surface topogra-
phy to that of GCI from the literature.6 Results demon-
strate that they are mainly distinguished by the fact that
LC holds approximately three times the surface hardness
of GCI (<20 HRC, whereas 58 HRC for LC).6 This is
expected from the level of debris reduction that has
been investigated,6 however, plays an insignificant role
in thermal and mechanical FEA comparison.11 Hence,
this justifies that surfaces of each model may be
Table 1. Material properties for rotor sections. Grey cast iron,









Density(kg/m3) 7850 8220 7800
Young’s modulus (GPa) 98 200 200





(W / (m · K))
50 11 16
Specific heat capacity
(J / (K · kg))
500 435 460
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assumed to have the same surface topography and there-
fore, only distinguished by their friction coefficients.6
Furthermore, a 10mm thick solid disc is used, repre-
senting each contact section of the full ventilated rotor.
The interior of the disc is removed to match the geometry
of the original model presented in Figure 2. This also aims
at reducing the total number of discretisation elements of
the model and hence, computational cost. Dyno bench test
conditions are as follows.9 The pads apply a normal force
on each contact face of the rotor. This is determined from
the pressure applied through the hydraulics and the pad–
disc nominal contact area (= 77 cm2). The braking sce-
nario simulates a braking event, where a 1702 kg
vehicle decelerates from 180 to 80 km / h with a deceler-
ation of 0.5 g.9 As the wheel radius is known to be
295mm, the initial and final angular velocities of the
Figure 1. Overview of simulation routine.
Figure 2. Disc brake assembly rendered on SolidWorks (left), finite-element analysis (FEA) disc model designed on COMSOL (right).
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wheel are determined. The kinematics therefore represent
a linear deceleration of 16.6 rad/s2 between 170 and
75 rad / s, leading to a braking time of 5.7 s. A mean coef-
ficient of friction value of 0.4 is chosen for the GCI model,
retrieved from experimental data using a dynamometer
bench test.9 A mean friction coefficient value of 0.6 is
chosen instead for a laser cladded surface, retrieved
from experimental data involving a pin-on-disc tribometer
within a particle emission testing cell.6 The full disc is
selected to undergo an angular velocity of ω(t), where
ω(t) = ω0 + αt. When multiplied by the modulus of the
x and y coordinates for a given point among the disc
surface, this will calculate the according slip velocity
(increasing linearly as the outer radius is approached).
Two 150 μm layers are added on the top surface of the
disc with the pad sketched on the top surface for LC.
Following in Figure 2 is the simulation model (right of
the figure) where the highlighted region represents the
boundary where the heat flux enters the disc body. As
well as this a three-dimensional (3D) computer-aided
design (CAD) model of the disc brake assembly tested
under the dyno bench test is displayed (left of the figure).
Each domain (bulk, interface and surface layer) is spe-
cified with its according material properties as specified in
Table 1. The translational motion is specified as a local
disc velocity vector vd = vR (−y, x). This can be also
rewritten as −yω(t) m / s for the x-plane and xω(t) m / s
for the y-plane, which specifies a counter-clockwise rota-
tion. Initial conditions are set to 100 ◦C for the full model
in order to recreate the measured data in the dyno test
which allowed the disc to cool down to a minimum of
100 ◦C before beginning a new braking cycle.9 The
expression used for the retardation power during the
dyno bench test is described as an ‘if’ function specifying
that there exists a heat input purely between t = 0 and
t = ωf−ωiα as the time it takes for the disc to decelerate
from the initial to final angular velocities, ωi and ωf
(∼5.7 s). This power is then divided by the nominal
contact area (77 cm2 computationally measured from an
integral of the contact boundary) to calculate the heat rate.
Coefficients of heat partition with the brake pad for the
GCI and martensitic stainless steel are equal to 0.98 and
0.97, respectively (calculated using equation (2)). The fric-
tion force, μFnormal is fixed for both models for consistency.
Regarding GCI, μGCIFnormal GCI = 0.4 × 10.4 kN, taken
from the dynamometer test.9 However, the LC surface
holds a higher coefficient of friction (of value 0.6) which,
for a same normal force applied (10.4 kN) would result
in a higher friction force. Consequently, for an increase
in friction coefficient, there must be a proportional decrease
in normal force applied, in order to reach the same braking
performance (or vehicle deceleration). The product is
adjusted as follows, where μGCI and μLC are the friction
coefficients and Fnormal GCI and Fnormal LC are the normal
applied forces for GCI and LC, respectively. The adjusted
normal force applied for LC is the ratio between friction
coefficients times the GCI normal force applied:
μGCIFnormal GCI = μLCFnormal LC (8)
Fnormal LC = μGCI
μLC
Fnormal GCI (9)
Forced and natural convective heat transfer coefficients of
70 and 9 W/m2K, respectively, were reported in the dyno
bench test9 for an ambient temperature Tair = 300 K.
Surface emissivity is set to 0.95 and 0.2 for GCI and LC,
respectively.
An adaptive mesh refinement iteration is made of 11
sequences, where the computation is physics controlled.
As well as this for post-processing, a selective mesh
refinement is made to obtain mesh independence in the
required regions of interest. Finer meshing is implemen-
ted in regions of high expected thermomechanical gradi-
ents, hence in the influx boundary region of frictional
heat,10 highlighted on the meshed model in Figure 2.
Mesh refinement validation is achieved in three different
regions of the model: the pad-to-disc contact, the region
of circular sweep path of the pad and the disc thickness.
The absolute percentage difference is brought down to
<1% for each model, with every decrease in element
size. Computational cost is hence minimised in exchange
for the required accuracy of results.11 A triangular mesh is
established at the surface of the disc of the same fineness
for both GCI and LC. Triangular elements are used given
that results prove to follow experimental data with more
comparable synchrony and magnitudes, as opposed to
quadrilateral elements.15 The thickness of the disc is
swept and distributed between initially, an equally sized
number of elements as shown right of Figure 2 (a
zoomed-in section of the LC discretised coating is dis-
played). It was however found that by setting a predefined
symmetric elemental growth where element separations
decrease as boundary domains are approached, mesh
independence was achieved more effectively. The
number of elements is varied until mesh independent
results are observed throughout the LC interior. An
element ratio of 20 is set in each coating thickness distrib-
uted between 20 elements symmetrically. The GCI sub-
strate is set to an element ratio of 100, where element
separations decrease towards the interlayer and distributed
between 40 elements. This configuration was found to
optimise validation of the model, at the appropriate com-
putational cost.
Hence, the combination of a 2D mesh (as triangular
elements) with swept elements (along the disc thickness)
instead of directly implementing 3D (tetrahedral) ele-
ments15 provides the following benefits: reduces mesh
detail where it is not required and provides adjustable
interior accuracy of the model. This plays a significant
role especially for the LC simulation due to its fine
surface geometry of the coating layers and delicate inter-
face regions. Computational cost of the LC simulation is
hence greatly reduced given that a 3D element geometry
would significantly increase the total number of elements
needed to fully discretise the model. The computation is
run for time increments of 0.01 s; a time range between
0 and 10 s; for a braking cycle taking place between 0
and 5.7 s.
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Results
The first part displayed in this section presents the verifi-
cation of temperature evolution and thermal stress evolu-
tion by comparison with results found in the literature.
The second part presents thermal comparisons in the
form of graphs as well as 3D temperature maps, followed
by thermal stress comparisons also in the form of graphs
and 3D thermal stress maps at LC coating interfaces.
Comparison with literature results
Physics validation was made with Pan and Cai’s10 measured
stresses from a dynamometer by recreating the described
model with the provided parameters. These consisted of a
disc outer radius, Ro = 148mm; thickness, δ = 28mm;
mean elastic modulus, E = 95 GPa; mean specific heat cap-
acity, Cp = 530 J / (K · kg); mean thermal conductivity,
k = 43.1 W / (m · K); mean friction coefficient, μ = 0.38;
and mean thermal expansion coefficient, α = 11.65 μ/◦C.
The evolution of the angular velocity is obtained from:
ω(t) = 66.87− 17.47t, for 0 s ≤ t ≤ 4 s and time steps
are set to 0.5 s. Once temperature curves were successfully
achieved, model constraints were applied in order to obtain
a stress evolution. Figures 3 and 4 display the temperature
and stress evolution comparison, respectively.
Results therefore demonstrate of being in line with lit-
erature data. This allows for verification of the GCI
model, given that results from the literature are obtained
from a GCI disc brake rotor. The selective mesh refine-
ment was followed for a temperature evolution along a
line at the effective radius travelling all the way through
the thickness of the disc. The effective radius is deter-
mined as the centre of mass (or nominal contact pressure)
of the pad appliance onto the disc. The thickness of the
disc was distributed with the above-mentioned mesh com-
bination. The displayed temperature variation is selected
at a time instant of t = 1 and 5 s of braking time.
Thermal analysis
The following plots display the heat evolution along the
thickness line positioned vertically at the effective
radius of the disc. This may be considered the disc thick-
ness. The purpose of these results is beginning to evaluate
how much heat is infiltrated into the disc and conse-
quently, conserved in the LC coating. This data will
then be fed back into the simulator to solve for solid
mechanics of the model, in order to determine thermal
stresses.
It is important here to take into account that these
above plots from Figure 5 are the converged plots
obtained from the iteration sequences previously per-
formed for mesh independence. The plot for LC extends
further due to the 0.3mm total layer that is deposited on
the 10mm GCI substrate. Left of Figure 5 is the thermal
Figure 3. Temperature verification: Experimental temperature evolution retrieved from Pan and Cai10 (left), re-modelled COMSOL
simulation (right).
Figure 4. Thermal stress verification: Experimental thermal stress evolution retrieved from Pan and Cai10 (left), re-modelled
COMSOL simulation (right).
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distribution throughout the disc thickness, at the instant of
1 s throughout a braking event. Peak temperatures reach
272 ◦C and 320 ◦C for GCI and LC, respectively, there-
fore 18% higher at the LC surface as opposed to that of
GCI. Considering the GCI substrate region of both
models (where the disc thickness is between 0 and 10
mm), the GCI model leads the LC by a 5% mean percen-
tage difference in temperature. Temperatures close to the
bottom of the disc are of almost negligible differences and
close to the initial magnitude (100 ◦C). This constitutes
that as expected, 1 s is insufficient for the surface
thermal energy of both models to propagate throughout
the entirety of the disc.
On the other hand, right of Figure 5 is the thermal dis-
tribution at the instant of 5 s, therefore still within braking
conditions. Peak temperatures reach 378 ◦C and 409 ◦C
for GCI and LC, respectively, hence 8% higher in the
LC surface this time. Again comparing both GCI
regions (0< disc thickness ≤ 10mm), the GCI model
exceeds average LC temperatures by a 4% mean percen-
tage difference. Both plots visibly follow similar tempera-
ture gradients, as for the 1 s instant (left graph of
Figure 5). By inspection, it can be deduced that both
models develop thermal energy in a synchronous
manner, with increase in braking time. Nevertheless,
GCI still presents higher internal temperatures compared
to LC. Moreover, temperature gradients appear to be of
almost equal magnitudes for both LC coatings.
However, at the interface region of the GCI substrate
with the first LC coating (Inconel 718 interlayer), there
exists a substantial change in slope. This indicates that
the rate of change of temperature, T (◦C), with disc thick-
ness, δ (mm), is higher within the LC coating as opposed







. Therefore, the LC
buffer layer proves to successfully act as a thermal
barrier, as it decreases the rate of heat beyond its interface
region.
Following is a series of stretched volume plots in
Figure 6, which are cut at their quarter sections to
display the evolving temperature map across their sur-
faces as well as their interiors. Each column corresponds
to time instants of 0.1, 1 and 5 s of braking, and are gov-
erned by the same temperature map as indicated in their
legends, for clear comparison purposes between GCI
(top row) and LC (bottom row). Due to the vertical
deformation of the models, for LC (bottom row), the
two coating layers can be observed outlined around the
top of the disc.
Results demonstrate of being in line with literature
data.9–11 It can be observed that higher temperatures are
attained in the LC coating as opposed to the GCI
surface. As expected, differences in material properties
of each model constitute clear divergences in thermal
behaviour. Thermal conductivity of GCI
(kGCI = 50 W / (m · K)9) is over three times higher to
that of AISI 420 (kAISI 420 = 16 W / (m · K)14) as the
stainless steel exterior coating of LC. The consequence
of this is immediately observed throughout the first
second of braking, where surface temperatures of LC
surpass those of GCI by almost 20%. Due to its lower con-
ductivity, heat dispersion is limited in the stainless steel
coating which explains the proportion of thermal energy
that differs from GCI. Furthermore, the LC Inconel 718
buffer layer demonstrates to act as a thermal barrier. Its
thermal conductivity (kInconel 718 = 11 W / (m · K)13) is
4.5 times inferior to that of GCI, meaning much of the
thermal energy is stored in this interlayer instead of
being conducted through to the GCI substrate. Plots repre-
senting particular time instants, can be linked back those
displayed in Figure 5 for clarity. Temperature differences
Figure 5. Temperature evolution along the disc thickness line. GCI and LC are presented after 1 s of braking (left) and after 5 s of
braking (right).
GCI: grey cast iron; LC, laser cladding.
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from the above results are also proven from mass and spe-
cific heat capacity quantities of each domain. From the
equation:
Q = mCpΔT (10)
where Q (J) is the supplied thermal energy, m (kg) is the
mass of the body, Cp(J / (K · kg)) is the specific heat cap-
acity of the material and ΔT (K) is the temperature
change, the following relationship can be made. Given
that supplied heat rates of GCI and LC are purely distin-
guished by the heat partition coefficient (98% for GCI and
97% for LC), for the sake of the comparison, they may be
assumed to be equal. Hence, by equating equation (10) to
GCI and the LC exterior coating (AISI 420), the following
relationships are drawn:






For an inferior mass (of AISI 420 coating as opposed to
GCI substrate) and inferior specific heat capacity (10%
less in AISI 420 from GCI,9,14 see Table 1), the overall
products are related by the inequality below. Therefore,
the inverse proportionality logically constitutes that the
change in temperature must be greater in the LC model
surface, as opposed to GCI:
mCp|LC < mCp|GCI (13)
ΔTLC > ΔTGCI (14)
It can thus be observed that results from Figures 5 and 6
both follow this relationship successfully. Von Mises
stresses can now be obtained from the thermal data, pre-
viously computed. Now that temperature comparisons
have been made, a thermal stress analysis is studied.
Stress analysis
Figure 7, which displays the stress evolution along the
thickness line, demonstrates a range of stresses distin-
guished between each model. Right of Figure 7 is the
zoomed-in view where the coating sections can be identi-
fied from the horizontal axis.
The above plots from Figure 7 are obtained owing to
computed temperature data previously displayed in
Figures 5 and 6. These are plotted at a time instant of 5
s within a braking cycle, hence approaching maximum
attained temperatures. Left of Figure 7 is the full disc
thickness with corresponding thermal stress values
Figure 6. Cross-sectional displays of temperature contour maps for GCI (top row) and LC (bottom row). Time instances are 0.1, 1
and 5 s of braking, corresponding to each column, respectively. Legend units: ◦C.
GCI: grey cast iron; LC, laser cladding.
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along it. Visibly, substantial stresses are developed at a
thickness of 10mm, as the interface region of the GCI
substrate with the Inconel 718 interlayer. Peak stresses
from LC are almost incomparable to those from GCI. It
can be observed that thermal stresses of the GCI peak at
137MPa, which surpasses magnitudes of LC up and
until 10mm. This can be explained by the fact that tem-
peratures at this point in space and time are higher in
GCI as indicated right of Figure 5.
Looking right of Figure 7, the LC coating thickness is
displayed with zoomed-in peak data to clearly observe
thermal stresses. The first LC peak (substrate to Inconel
718 interface) is at 370MPa, the second LC peak
(Inconel 718 to AISI 420 interface) is at 463 MPa and
the surface of AISI 420 is at 508MPa. These peak
values are anticipated given that they occur precisely at
each interface between domains (substrate, interlayer
and surface layer). Distinct expansion rates are therefore
expected from different materials against one another,
causing significant thermal stresses within these regions.
Following are a sequence of stretched volume cut dis-
plays in Figure 8 for LC. These are cut at their half sec-
tions to observe development of stresses zoomed-in at
the laser cladded layer interfaces. The sequence is taken
for time instances of 0.1, 1, 3, 5, 6 and 10 s, respectively.
Each of these hold a different colour range corresponding
to the appropriate stress distribution map at that period in
time.
These final contour plots from Figure 8 show an evo-
lution of interface stresses, which can be observed at
Figure 7. Thermal stress evolution along the disc thickness line for GCI and LC, after 5 s of braking. The full disc thickness is displayed
on the x-axis (left). The zoomed in LC coating thickness only, is displayed on the x-axis (right). Looking at ‘Coating thickness’ (right),
interface of GCI substrate to Inconel 718 interlayer occurs at 0mm; interface of Inconel 718 interlayer to AISI 420 overlayer occurs at
0.15mm; and interface of AISI 420 overlayer to pad contact occurs at 0.3mm.
GCI: grey cast iron; LC, laser cladding.
Figure 8. Cross-sectional zoomed-in coating displays of thermal stress contour maps for laser cladding (LC). Time instances are 0.1,
1 and 3 s of braking, from left to right sequentially (top row). Time instances are 5, 6 and 10 s of braking, from left to right sequentially
(bottom row). Legend units: MPa.
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interface regions with increase in time. The plot which
represents a 5 s time instant, can be linked back to the
plot displayed in Figure 7 for clarity. It is clear how at
6 s, when the brake pad has been released, surface stresses
begin to decrease as the disc is undergoing cooling.
Stresses are consequently stored in the interlayer where
they require a longer period of time to dissipate. From
the relationship below, it can be predicted that thermal
stresses within the LC model will significantly surpass
those of GCI:
σ = αEΔT (15)
where σ (Pa) is the thermal stress, α is the thermal expan-
sion coefficient of the material, E (Pa) is the Young’s
modulus of the material and ΔT (K) is the temperature
change. Thermal expansion coefficients, α, of GCI and
AISI 420 are both equal to 11 μK−1 (see Table 19,14).
Equation (15) can be expressed for both GCI and LC.
















Therefore, for Young’s modulus material data from
Table 1 (98GPa for GCI and 200GPa for AISI 420)
and from previously computed temperature data for both
GCI and LC, the following inequality may be stated:
EΔT |LC > EΔT |GCI (18)
Constituting that thermal stresses from the LC surface
coating are superior to those from GCI:
σLC > σGCI (19)
The above results consequently follow this analytical rela-
tionship successfully.
Discussion
It is important to highlight that a braking power compen-
sation was insured by adjusting the normal force applied
to the LC rotor, in response to friction coefficient differ-
ences with GCI. This was in order to satisfy an equal
rate of heat flux to both models, where differences were
purely influenced by variations in heat partition coeffi-
cients. Therefore, a coherent comparison can be drawn
from the obtained results of each model.
Regarding thermal performance, GCI does in fact seem
to infiltrate more heat into the body of the disc as opposed
to LC. It is also clear through the comparison that the
coating creates an extremely localised temperature at the
surface, observed by the steep gradient that peaks once
the nickel-based alloy interlayer is reached.
Reasons for this high temperature peak at the LC
surface relate back to the fact that the surface material,
martensitic stainless steel has a lower thermal
conductivity meaning it is less capable of diffusing heat
across it, as well as the underlayer which introduces a
visibly steep temperature gradient. This also demonstrates
that the nickel-based alloy inter-layer performs as a
thermal barrier resulting from its low conductivity and
diffusivity. Therefore, as overall conduction is lower,
LC stores more thermal energy at the upper surface
where the pad–disc contact occurs. However, it is
crucial to take into consideration that the coefficient of
heat partition of the LC surface is 97% (as opposed to
98% for GCI), meaning 1% more of the generated heat
is being conducted through to the friction material of
the pad. The thermal properties of the friction material
must be re-evaluated in order to determine the safety
threshold temperatures that it could withstand without a
negative influence in braking performance such as brake
fade.
Now looking into thermal stress performance for LC, it
is visible how significant peaks are developed at each
interface layer of the laser cladded coating, whereas the
remaining interior of the disc is not experiencing a signif-
icant stress magnitude. This compares very clearly to GCI
that displays again a very gradual development of stresses
reaching a maximum at the disc extremity. As has been
expected consequently, boundaries of the laser cladded
layers experience very high thermal stresses due to the
fact that they act as constraints to each other, impeding
their volumetric thermal expansion as their internal
energy increases. Different rates of heat being received
by different materials, each with different thermal
expansion coefficients therefore introduces a very sig-
nificant risk when it comes to the LC deposition. Due
to its highest expansion coefficient value from the
three materials and as the layer constrained by both its
upper and lower interfaces,5 the nickel-based alloy inter-
layer is therefore experiencing the highest level of
thermal stresses. Therefore, the LC process must be
done with extra care in the deposition procedure, in
order to correctly align the thermal expansion magni-
tudes5 to those which best satisfy the stress predictions
at bonding regions.
In summary, the temperature field has demonstrated
that LC is capable of generating much higher tempera-
tures than GCI. Its higher friction coefficient introduces
a stronger and more reliable braking performance and
heat infiltration is minimised with respect to the range
of overall generated temperatures. This combination of
bonded materials brings about a different distribution of
thermal energy as opposed to a conventional GCI disc
model.
The stress field on the other hand has studied the con-
straint requirements that an LC model must be able to
withstand for it to be successfully implemented. Hence,
high developed stresses occur at the layer interfaces15
which challenges the LC application process in optimis-
ing the metallurgical bonding and layer deposition.
Accuracy techniques must be re-evaluated to determine
a specific bonding tolerance that could be compared to
modelled results.
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An analysis of mechanical stresses must be conducted
in order to determine load capabilities and the capacity of
withstanding very high rotational shear stresses. Frictional
forces which translate into rotational shear would, there-
fore, need to prove that the rotor compound is able to
withstand the mechanical stresses associated with differ-
ent stages of braking.
It is important to note that this project has analysed
purely transient regimes, i.e. where inward and outward
fluxes have been dominant in the studied time period.16
The laser cladded performance should also be evaluated
under steady-state scenarios such as in the case of a
pin-on-disc tribometer where the input heat equals the
output dissipation.4 Time, gradient and steady-state
level comparisons would offer another clear investigation
into the reliability of the coating.
The research was also made to simulate an experimen-
tal performance made at room temperature, where the
rotor was also set to perform at temperatures
≥ 100 ◦C.9 It would therefore be crucial to evaluate per-
formances under a range of temperature scenarios. These
may include temperatures <0 °C, or being subject to
moisture and water from rain or humidity. The contrast
in rotor temperatures would hence introduce a perfor-
mance prediction to thermal shocks. In this scenario,
laser cladded rotors may serve to be highly beneficial as
opposed to conventional rotors, however, this may intro-
duce a more demanding thermo-structural degree of
freedom.
Limitations of the study can be linked to a potential
lack of surface topography detail. Therefore, as to what
concerns surface texture, experimental iteration should
be done to study the extent to which surface topography
affects the tribological performance of braking.17 If a sig-
nificant influence is detected, such an effect would need to
be implemented to improve the overall experimental vali-
dation of the model. Moreover, regarding parameters, a
more accurate experiment would require evolving magni-
tudes of material data influenced by temperature changes.
Thermal softening would provide the corresponding set of
parameters for every temperature level such as a decrease
in Young’s modulus. As well as this, mean coefficient of
friction values were used, inputted as constant parameters
which were retrieved from experimental results.6,9 In a
real case scenario, the friction coefficient evolves through-
out a braking event in response to contact pressure varia-
tions and plateau dynamics.9 Experimental recordings of
friction coefficient values from pin-on-disc setups could
be fed back into the simulation model even in the form
of fluctuations for improvement. The FEA model would
also benefit from more accurate and realistic convective
heat transfer coefficient values.18 Its validation would be
optimised through a computational fluid dynamic study,
by recreating the experimental setup.16
Furthermore, it should be noted that for simplicity, heat
flux distribution was assumed as being uniform. This lim-
itation must be acknowledged given that non-uniformity
due to transient regimes, constitute local hot spots in
contact regions from focal heating.17,19 Considering
plateaus to implement non-uniform contact pressures
would provide a more realistic heat-flux distribution.20
In addition, it must be said that maximum surface tem-
peratures are also highly influenced by the heat partition
coefficient which in reality, is not a static quantity.20 It
is dependent on temperature as well as contact pressure
distribution, which evidently vary with time throughout
a braking event. Given that dynamic modelling of the
heat partition coefficient is particularly complicated,21
simplicity was hence achieved using that proposed by
Vernotte.12 Hasselgruber,22 Ginzburg,23 and Charron24
have also proposed different forms of determining heat
partition coefficients which future simulations would
benefit from.
Regarding the FEAmodel itself, there is no presence of
the pad component. In consideration, its only influence is
regarding the heat partition coefficient, ξ. To take the
simulation model further, a CAD assembly should be
used with mating components (pad and disc) as opposed
to a single component system. This should allow the
evaluation of the pad performance, in response to an LC
integration.
Therefore, the simulation model can be used for future
optimisation and validation development, with the use of
experimental data from LC rotors. By recreating the
described scenario in a dynamometer test, full-scale
experimental validation would be achieved.
Conclusions
Temperature and mechanical performance were investi-
gated by the use of FEA modelling using COMSOL
Multiphysics 5.6. A comparison was made between a
laser cladded disc and a conventional homogeneous
GCI disc. These models were primarily distinguished by
the laser cladded model consisting of a material combin-
ation involving a nickel-based alloy interlayer and mar-
tensitic stainless steel overlayer surface. A highly
simplified and computational cost-effective FEA model
was delivered. The summarised conclusions were drawn
as follows:
• Meshing of the LC coating and GCI substrate is easily
and effectively achieved, at reduced computationally
cost, to validate interior temperature and thermal
stress data of the FEA model, using the given mesh
combination.
• The LC nickel-based alloy interlayer proves to act as a
thermal obstructer to temperatures infiltrating the GCI
substrate.
• Peak surface temperatures of LC attain 18% higher
values as opposed to GCI, within the first second of
braking. This peak temperature difference decreases
over further braking time.
• The LC interlayer (Inconel 718) presents difficulty in
effectively dissipating thermal stresses from its
domain even after the brake pad is released from the
disc.
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• Peak thermal stresses of LC reach values which are 3.7
times those of GCI after 5 seconds of braking.
• For a 5 s braking event using an LC model, thermal
stresses reach magnitudes superior to 450 MPa at the
nickel-based alloy interlayer and superior to 500MPa
at the martensitic stainless steel over-layer surface.
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